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Abstract: For a backward curved centrifugal fan, reducing volume flow rate from design operating
point towards part load yields an increase in noise emission together with a reduction of efficiency.
The spectral content of the emerging noise emission can be characterized by a subharmonic hump with
several harmonics. Based on narrow-band acoustic measurements and numerical Lattice-Boltzmann
simulations, a deeper insight is sought after. Downstream unsteady flow patterns are identified
to play a central role in this performance deterioration; and geometrical flow stabilization means
are investigated.

Keywords: centrifugal fan noise; subharmonic humps; lattice Boltzmann method; noise generation
mechanism; flow stabilization for backward curved centrifugal fans

1. Introduction

It is a common observation for many fans that the noise emission increases significantly
when moving on a characteristic curve starting from an optimal point with minimal noise
emission towards lower volume flow rates at constant impeller rotation speed. Considering
axial flow fans, Kameier and Neise [1] identified experimentally flow structures co-rotating
with approximately half of the impeller rotation speed which they called “rotating instabili-
ties”. They supposed the origin of that noise phenomena in a broader, but distinct frequency
region below the blade passing frequency (BPF). Mongeau [2] describes characteristic noise
sources for centrifugal turbomachines at 0.7, 1.5 and 2.1 times the BPF and relates it to a
flow pattern rotating around 30% of the shaft speed. Rotating coherent flow structures as a
source for narrowband noise in axial fans are described by Zhu at al. in [3]. A better under-
standing of these mechanisms and development of mitigation strategies could broaden the
applicability of centrifugal fans towards lower volume flows and make them less sensitive
to noise generation in this direction. In this paper, this kind of noise source is identified and
characterized experimentally by considering a centrifugal backward-curved impeller with
diameter D = 355 mm. The results are reproduced in a numerical setup with an unsteady
Lattice-Boltzmann solver. Relying on the numerical results, a more profound insight into
the noise generating mechanisms is generated. With this understanding, it was possible
to construct and investigate modifications to improve the acoustic signature significantly.
One mitigation technology is demonstrated both numerically and experimentally.

2. Experimental Investigation
2.1. Configuration Description
The investigated centrifugal fan of diameter D = 355 mm shown in Figure 1a has seven

backward curved blades made of sheet metal. The blades are circular profiles extruded
perpendicularly to the flat hub. They are welded to the hub and to the curved rotating
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shroud. The fan is installed without housing. The ZIEHL-ABEGG anechoic facility shown
in Figure 1b consists of two large anechoic rooms separated by a partition wall. A bell-
mouth attached to the partition guides the flow into the fan installed in the downstream
plenum (Figure 1a). The gap between the rotating shroud of the fan and the convergent
intake is 3 mm. The fan is tested at constant rotational speed n = 2975 rpm for various flow
rates, yielding a blade-passing frequency (BPF) of 347 Hz.

(b)

Figure 1. Experimental setup: (a) downstream view of the investigated fan; (b) anechoic test facilities
at ZIEHL-ABEGG.

2.2. Experimental Results

Figure 2a shows the characteristic curves measured for the rotational speed n = 2975 rpm.
The static pressure rise py; as function of the volume flow rate Qy is presented as a solid black
line, and the sound power level Lyy; measured in the pressure side plenum (downstream
of the fan) as dashed black line. Ly has a minimal value of 90 dB at Qy ~ 4000 m>/h
Towards lower volume flow rates, the sound power level sharply increases up to 101 dB
at Qy a2 2000 m3/h. This kind of sound power surge in a region for low volume flows is
typical of many fan designs. It is common for very different designs of backward curved
centrifugal fans without housing. To investigate this behavior, the spectral content of
Lws is shown in Figure 2b for the three operation points highlighted with the vertical
color lines in Figure 2a. At Qy = 4440 m3/h, the spectrum is quite flat over the displayed
frequency region from 100 Hz to 1000 Hz, except for some typical peaks at the blade passing
frequency (BPF) and its harmonics. Moving towards lower volume flow rates, additional
noise phenomenon is emerging in a large frequency range centered at approximately 80%
of the BPF. The harmonics of this hump emerge as well but with a smaller amplitude.
These phenomena are referred to as subharmonic humps. They are typical of (but not
only) centrifugal and mixed-flow fans. Although the broadband noise grows towards
lower volume flow rates as well, the mentioned steep growth of Ly in Figure 2a can be
strongly associated with this subharmonic. In the present work, a numerical investigation
is performed to gain a deeper insight to the nature of the humps and the underlying sound
generating mechanisms.
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Figure 2. Experimental results: (a) characteristic curve for static pressure rise ps and sum pressure
side sound power level Ly at rotation speed n = 2975 rpm; (b) spectral content of pressure side
sound power level Ly for three operation points.

3. Numerical Investigation
3.1. Numerical Setup

The present simulations use the PowerFLOW solver 5.5a based on the Lattice Boltz-
mann Method (LBM). The approach is naturally transient and compressible providing a
direct insight into hydrodynamic mechanisms responsible for the acoustic sources but also
into acoustic propagation in the fan and outside in freefield. Instead of studying macro-
scopic fluid quantities, the LBM tracks the time and space evolution of a truncated particle
distribution function on a lattice grid. The particle distribution evolution is driven to equi-
librium by the so-called collision operator, approximated by the BGK (Bhatnagar—Gross—
Krook) model [4]. The discrete Lattice-Boltzmann equations are solved with 19 discrete
velocities for the third order truncation of the particle distribution function, which has been
shown sufficient to recover the compressible Navier-Stokes equations for a perfect gas at
low Mach number in isothermal conditions [5,6]. In PowerFLOW, a single relaxation time is
used, which is related to the dimensionless laminar kinematic viscosity [6]. This relaxation
time is replaced by an effective turbulent relaxation time that is derived from a systematic
Renormalization Group procedure detailed in [7]. It captures the large structures in the
anechoic room but also the small turbulent scales that develop along the blade and wall
surfaces in a large eddy simulation manner. The particular extension developed for rotating
machines can be found in Pérot et al. [8]. The computational domain includes the two
coupled anechoic rooms, as shown in Figure 3a. The square cross section of the simulation
volume has a width of 10 m, and the upstream and downstream plenums are also 30 m
and 20 m long, respectively. The atmospheric pressure p = 101,325 Pa is imposed on the left
red surface, while the volume flowrate Qv is imposed on the downstream red surface. The
convergent inlet nozzle and detailed geometry of the fan impeller are considered. Only the
motor and its shaft are discarded in the numerical setup. The mesh resolution in the domain
is defined through successive embedded volumes, outlined in Figure 3, the mesh size being
decreased by a factor of two between them. The resolution around the fan blades and
the inlet nozzle wall is 0.5 mm, as shown on a fan cross section in Figure 3b. The volume
around the fan is defined as a rotating volume at a rotational speed. Extended logarithmic
wall functions to account for adverse and favorable pressure gradients [9] are applied on
all wall surfaces. The total numerical domain counts 98 million cells and 7 million surface
elements. Simulations are performed for several flow rates. First, the setup is initialized
in two steps from pre-converged flow obtained from simulations with coarser meshes
without the highest resolved refinement regions (50 revolutions computed on the mesh
with maximum resolution of 2 mm and subsequently, 25 revolutions computed on the mesh
with maximum resolution of 1 mm). Then, the final mesh described above (Figure 3b) is
used for performance prediction. The convergence is obtained after two fan revolutions
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is recorded at the exact locations of the microphones in the experiments. In addition,
some cross-sections including the one at mid-blade height (midspan) and blade surface
are recorded at high frequency sampling for frequency analysis. The numerical model
presented above is validated through the comparison of performances with experimental
measurements acquired on the certified ISO 5801 ZIEHL-ABEGG facilities.
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Figure 3. Computational domain and refinement volume definitions: (a) numbers in squares provide
the mesh size in mm for the outlined refinement volume; (b) and mesh resolution around the
fan blades.

3.2. Numerical Results

The sound power levels Ly, computed in a similar manner as for experimental data
in Figure 2b, are given in Figure 4b based on static pressure extracted from the LBM
simulations. The main conclusion that can be drawn out of the comparison of the graphs of
Figure 2b, replotted in Figure 4a, and Figure 4b is that the subharmonic humps are also
the dominant noise mechanisms in the numerical method. The frequency resolution in
Figure 4b is coarser than in Figure 2b due to the available sample length for the data of only
about five impeller revolutions. Nevertheless, the emergence of the subharmonic humps
of first and second order can clearly be observed in an equivalent way and a very similar
quantitative extent as in the physical experiment. The intake distortion is the main cause of
tones at BPF [10]. In addition, the inflow condition is more homogenous in the simulation
than in the experiment (see for example [11]), as the flow field in the upstream plenum
has not completely developed in the simulation due to the limited data acquisition period
of only five impeller revolutions. Both limitations inherent in the simulations can explain
the lower and wider peak at the BPE. Moreover, a first conclusion that can be drawn is
that the mechanism of the generation of the subharmonic humps does basically depend
on the downstream flow field generated by the impeller and corresponds therefore to a
self-induced noise generating mechanism. By analyzing the unsteady flow field resulting
from the LBM simulations carried out in the present model, one should be able to get some
insight to this noise generation mechanism as it is well captured in the acoustic spectra.

In Figure 5, instantaneous pressure distributions at a blade mid-span cross-section are
pointed out. Different flow structures downstream and radially outward of the impeller
can be observed. These flow structures have different shapes (number of lobes) for each
of the three flowrates. Decreasing Qy, they get less symmetric, their circumferential
wave numbers decrease, and they move radially inward towards the blades. It can be
observed by use of unsteady visualization techniques that the flow structures correspond
to vortical structures co-rotating with significantly reduced rotational speed compared with
the impeller rotational speed. This is confirmed by a modal analysis in the next Section 3.3.
The vortices are generated and supplied by detaching vorticity of the impeller blades,
caused by flow separation phenomena at the blade suction side surfaces. It is assumed
that the interaction of the impeller with the shown flow structures are the source of the
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subharmonic humps. The precise analysis of the noise generation mechanism inside the
impeller induced by that interaction is content of future investigations. In the next section,
an analysis is presented to characterize the rotating flow structures in a more tangible and
quantifiable way in order to solidify the hypothesis that they are the original source of the
subharmonic humps.
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Figure 4. Comparison of spectral results: (a) review of the experimental spectral results of Figure 2b;

(b) numerical spectral results of the pressure side sound power level Ly for the same three operation
points (b).
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Figure 5. Instantaneous static pressure distributions at a plane cut in the middle between hub and
rotating shroud (50% Span): (a) Qy = 4440 m3/h; (b) Qy = 3500 m3/h; (c) Qv = 2500 m3 /h.

3.3. A Modal Analysis of the Flow Structures Based on Numerical Results

A somewhat intuitive analysis has been carried out to identify and characterize rotating
flow structures with respect to their rotation speed and strength as function of operation
point and radial and axial position. It was derived inspired by the method described
in [12], with the aim to get additionally a quantitative evaluation of the amplitudes of the
flow structures. In the analysis, an auxiliary “observer” grid consisting of co-axial circles
with a discrete and equidistant discretization in circumferential (6) direction is considered.
This “observer” grid is rotated with arbitrary “test”-rotation speeds ¢;. At each instant,
the unsteady flow data from a simulation is interpolated onto the “observer” grid. The
flow field is then averaged in time. Note that an observer (grid) that would rotate at the
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same rotation speed as a spatial flow structure would observe this spatial structure as
stationary. Thus, for this “synchronous” test rotation speed ¢, after temporal averaging,
the structures will still be present in the averaged fields. On the other hand, when the
observer test rotation speed o; differs significantly from the flow structure’s rotational
speed, structures will be smoothed out by the temporal averaging operator, assuming
sufficiently long averaging time. So, the time-averaged flow data on each rotating observer
grid represents spatial flow structures that rotate at the rotational speed ¢;. The described
averaging has been carried out for a sufficiently high number of test rotation speeds o;.
Some filtering technique has been applied in order to minimize the aliasing error in time
associated with the interpolation from the cubic element grid from the simulation. The next
step of the procedure consists of a circumferential Fourier transform for each test rotation
speed o; in order to quantify periodic rotating modes. In Figure 6, some representative
results of the analysis are presented.
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Figure 6. Results of modal analysis of the rotating structures downstream of the fan wheel at Midspan,
for radial positions: (a) atd =1.0 D; (b) atd =1.1D; (c)atd =1.4 D.

The Relative Spin (), is defined as the ratio of test rotation speed ¢; and the impeller
rotation speed: (), = 0;/n. For each relative spin (), and flow quantity f of interest (for
example, pressure or velocity), the time average over the five revolutions considered

of the retarded function f (? + Qr~n-7~t) is computed resulting in a spatial flow field

fgr (?) = < f (? + Qr-n~7-t)> with the time average operator (-), which is subsequently
analyzed by spatial Fourier analysis in circumferential direction at different axial and radial
positions. The energy of all spatial pressure fluctuation modes of all wave numbers (the L2
norm of all Fourier coefficients unless the mean value as obtained by Fourier transform
in circumferential direction) is shown in Figure 6 as function of (),. In Figure 6a, the
rotating pressure fluctuation is given for a circle located at mid-span with a diameter 4
corresponding to the impeller outer diameter D, that is, probe locations are very close to
the blade trailing edges. In Figure 6b the diameter d is 110% D; and in Figure 6c the circle
diameter is 140% D. What can be observed is:

e  Alstkind of distinct rotating structures can be observed at (2, = 100 % (very right point
in each graph). These are the expected co-rotating structures directly issued from the
blades. Moving away from the blade, rotating structures at this (), decrease rapidly.

e A 2nd kind of significative rotating structures can be observed, which has its maxi-
mum at (), = 20 % (for the given particular impeller). Near the blade trailing edge
atd=1.0Dand d =1.1 D ((a) and (b)), the amplitude of the fluctuation increases sig-
nificantly with decreasing volume flow rate Qy. The rotating structures have at a
diameter of the blade trailing edge an important strength, especially for lower volume
flow rates Qy (Figure 6a, comparison of the three operation points).
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e The interaction frequency of a rotating flow structures is fy = (1 — ();) - BPE. With
0, =20%, we get fo = 80%-BPF with consistency to what has been observed in
Figures 2 and 4.

e  Moving radially further from the blade trailing edges, the strength of the rotating
fluctuations with (), = 20 % increases and dominates over the 1st kind of fluctuations
that co-rotate with the impeller.

e  The rotating frequency of the fluctuations is not concentrated sharply at (3, = 20 %, but
has a significant dispersion, similarly to the broad shape of the subharmonic humps in
the acoustic spectra.

e Atd =14 D, the strength of the rotating structures for Qy = 2500 m>/h already
decreases, whilst the strength of the rotating structures for Qy = 3500 m?/h still
increases. The rotating structures come closer to the blade trailing edges when reducing
the volume flow rate. This may be observed qualitatively also in Figure 4.

4. Fan Optimization
4.1. Numerical Investigations of Geometrical Modifications on the Downstream Side

Some geometrical modifications have been investigated with the objective to reduce
the strength of the rotating flow structures with a relative rotational speed downstream
in the vicinity of the blade trailing edges; or at least shift their appearance towards even
lower volume flow rates. The investigated modifications consist of different vertical panels
that result in convergent (or just moderately divergent) flow channels downstream the
impeller. The result of one interesting modification is presented, whilst others showed
effectiveness as well. The modified geometry leads to flow acceleration and stabilizes the
flow downstream of the impeller. It may be seen as a simple kind of stator vane. Less
rotating vortical structures build up or are washed further away from the blade trailing
edges. This is clearly visible by comparing the flow picture on a plane midspan cut for the
operation point Qy = 2500 m?/h of Figure 7b, with modification, and Figure 7c, without
modification. With the modification, significantly less vortical structures are present near
the blade trailing edges, and more deterministic and better organized flow structures can be
detected. This observation is supported by the modal analysis in Figure 8a. As presumed
in the discussion of Figure 7, significantly less important rotating structures at (3, = 20% are
present with the modification. For (0, = 0%, at the very left point of the graphs, representing
the stationary spatial pressure fluctuations in circumferential direction, a clearly visible
enhancement can be observed when using the modification due to the presence of a stator
structure. The spectral content of the pressure side sound power Ly is shown in Figure 8b.
Clearly, the subharmonic humps are strongly reduced. As a side effect, the BPF harmonics
are higher as spatial periodical stationary fluctuations are induced by the stator structure,
interacting with the impeller blades.

4.2. Experimental Data of an Implementation

Experimental results of the modification are shown. The geometry of the investigated
pressure side optimization, which is similar to the structure investigated in the previous
section and shown in Figure 7a, is depicted in Figure 9a, where it is installed on the test
rig with an electrical drive. The comparison is based on measurements with a different
impeller with five three dimensionally shaped blades. A wavy contour at the leading
edges of the stator device has been applied in order to reduce the tonal noise resulting
from rotor-stator interaction. Figure 9b shows a comparison of the characteristic curves of
the measurements without and with the optimization device. Interestingly, the reachable
pressure rise, and static efficiency are significantly enhanced. Similar to stator vanes, the
added plates help in the pressure recovery from swirl.
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Figure 7. Results of the numerical investigation of a geometrical modification: (a) Sketch of the
investigated geometrical modification; (b) instantaneous static pressure distributions with streamlines
at a midspan plane cut for Qy = 2500 m?3 /h with installed modification; (c) static pressure distributions
without modification.
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Figure 8. Correlation of rotating structures and sound spectre: (a) modal analysis of rotating struc-
tures; (b) spectral content of Pressure Side Sound Power Level L.

In Figure 10, comparisons of the sound power levels are presented. At the left (a), the
A-weighted sound power level L6 is shown as function of the volume flow rate Qy. At
the right (b), for the operation point at Qy = 6000 m3 /h, the spectral distribution of Ly
can be seen. The frequencies are made dimensionless by the BPFE. In Figure 10a it can be
observed that the pressure side sound power is improved by the modification device at the
left half of the duty curve, and the sound power reduction gets higher, up to 2 dB(A), for
lower volume flow rates Qy. In Figure 10b, it is clearly visible that subharmonic humps are
present for this centrifugal fan both with and without modification device, especially at the
first subharmonic order at about 80% of BPE. With the modification device, the humps are
significantly reduced at the same volume flow rate confirming the observations obtained
from the numerical investigations. The optimization is achieved by solely applying the
downstream device, without modification of inflow conditions or anything in direct vicinity
of the impeller, confirming the findings presented in this paper. The application of the
pressure side optimization device, on the other hand, leads to an increase of tonal noise,
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especially at the first order, due to rotor—stator interaction, which is acceptable in the present
case due to the relatively big distance (about 1.6 times of the impeller diameter) between
impeller blade trailing edges and the wavy leading edges of the stator device. It is however
interesting to consider that subharmonic noise is mitigated technically towards tonal noise
at harmonics of the BPF, as due to the stator device, we get stationary flow structures rather
than rotating flow structures interacting with the impeller blades.
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Figure 9. Experimental results for a fan with downstream modification: (a) photograph of implemen-
tation of a downstream modification on test rig; (b) and characteristic curves of static pressure rise p
and total-to-static efficiency 7.

Static Pressure Rise p, and A-Rated Specific Pressure Side Sound Power

Spectral A-Rated Specific Pressure Side Sound Power Ly, ... at @,,= 6000 m/h
Level Ly pec 12

43 —Without

Modification,
' Pressure Rise py, 8
39
A 4 ~With Modification,
t \ Limm R Pressure Rise p,
\
N

N ! 31 0

\ E £ — Without E : 5 3
\\ Modification, 3 —Without Modification
27 Sound Power 3 With Modification
Lt spec ?
0 1

=

Lyviajespec (4B)
Lyt spec (AB)

With Modification,
23 Sound Power

Livtastspec

E3

==QOperation Point
6000 m"3/h
15 o
4000 8000 12,000 16,000 20,000 -
0, (mh) Band Frequency / Blade Passing Frequency (-)

() (b)

”

Figure 10. Experimental evaluation of the impact of the downstream modification in A-weighted
pressure side specific sound power Ly for the configuration of Figure 9: (a) sound power sum;
(b) spectral distribution.

5. Conclusions

Centrifugal fans without housing, amongst others, suffer from emerging subharmonic
humps when decreasing volume flow rates. The sound power level increases drastically on
the part load side from the optimal operation point. This is called a sound power surge.
These are distinct regions in the spectra at harmonic multiples of 40-80% of the blade
passing frequency (BPF), in particular the first harmonic that is largely dominating the
sound power spectra. This noise phenomenon is associated with rotating flow structures
downstream of the impeller, which interact with the trailing edge of the blades. For a
specific fan, this was shown by using a numerical investigation using the Lattice Boltzmann
method. A modal analysis has been performed on data collected downstream of the
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trailing edge. The dominant rotational speed of these flow structures is about 20% of the
impeller rotation speed with the same rotation direction as the impeller. This result explains
quantitatively the frequency regions (80% of BPF and multiples thereof, which is the basic
interaction frequency between the impeller blades and the rotating structures) where the
subharmonic humps occur. The rotating flow structures are self-induced by the impeller
and supplied by detaching vorticity of the blade suction side surfaces. Two possible
explanations can be given why the subharmonic humps grow with decreasing volume flow
rate: Firstly, more vorticity is generated by the blades due to growing flow separations, and
secondly, the vortices are washed away in a less effective manner due to the reduced volume
flow rates. Several downstream modifications have been investigated in order to control
the rotating flow structures. One example device was demonstrated both numerically and
experimentally in this paper. The reduction of the rotating flow structures was proven
by the numerical modal analysis model; and the resulting reduction of subharmonic
noise generation was also shown by an experimental comparison. Interestingly, also the
achievable pressure rises, and total-to-static efficiency is improved in regions of the duty
curve, where subharmonic humps are reduced by the optimization device. This leads to the
conclusion that the rotating flow structures have a negative impact on the swirl conversion
into static pressure. The experimental results for the pressure side modification confirm the
arguing derived from the numerical observations.
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